Multistage compressor is the most important constituent of gas turbines used in land, naval and aeronau-tical applications. Overall performance of such machinery depends mainly on the axial compressor performance. Due to the relative motion between rotor and stator blades, the flow field in this machinery is highly unsteady. Furthermore several technological effects like tip clearances, complexity of the blade shapes, variation of axial distance between stator and rotor, seal leakages and cooling holes among others complicate the machine. Therefore the study of a complicated, strongly threedimensional flow field inside a compressor is considered to be one of the most difficult tasks to be performed by a CFD expert. The present work is the extensive numerical study of the effect of: (1) tip clearance of rotor blades and (2) the axial gap between rotor and stator on the overall performance of a multistage axial compressor. A commercial software package is used for this study. Reynolds-averaged Navier-Stokes equations are solved using Spalart-Allmaras model. A number of steady-state viscous flow simulations were run for both the tip clearance effect and different axial gaps between stator and rotor. All simulations were performed for the first stage, i.e. Stator-Rotor-Stator. Simulations were carried out with coarse, medium and fine meshes to find an optimum, meshindependent solution. It has been found that larger tip clearance has a detrimental effect on the stage pressure ratio and efficiency of a multistage axial compressor. Similarly there exists a certain distance ratio between the stator1-rotor and rotor-stator2, where stage performance is optimum. Overall performance characteristics obtained through simulation for both the tip clearance and axial gap varia-tion were also compared with the experimental studies and found to be in good agreement.
Introduction
Apart from various industrial applications, the multistage axial compressor is the most important constituent of all gas turbine engines for land and aeronautical applications. Multi-stage axialflow compressors are normally used in high volumetric size applications, such as gas turbine engines. Overall performance of such machinery depends mainly on the axial compressor performance. Hence optimization of compressor design using different CFD tools has a great importance.
An axial compressor, like any other turbomachinery, is composed of several parts including stator/rotor blades, hub and shroud assemblies. Due to the relative motion between rotor and stator blades, the flow field in this machinery is highly unsteady. Furthermore several technological effects like tip clearances, complexity of the blade shapes, variation of axial distance between stator and rotor, seal leakages and cooling holes among others complicate the machine. Therefore the study of a complicated, strongly threedimensional flow field inside a compressor is considered to be one of the most difficult tasks to be performed by a CFD expert. However, it is important to know the characteristics of flow field due to its impact on efficiency, stability and operational range of the machine.
A survey of literature shows that there are three major effects caused by tip clearance. These effects are: (i) secondary flow due to pressure gradients; (ii) leakage flow through tip clearance due to pressure difference; (iii) the boundary scrapping effect due to blades moving relative to wall boundary layer. Hesselgreaves [1] gave a correlation to predict the efficiency drop of axial flow turbomachines. The study showed that an increase in tip clearance will have two distinct effects, i.e. reduction in work output and a reduced efficiency due to loss in kinetic energy through tip leakage flow. Lakshminarayana [2] through his study on axial compressor concluded that for low and moderate tip gap/chord ratio, there is a slight increase in the average lift. A substantial decrease in lift will only occur for relatively very high tip gap/chord ratio. Engin et al. [3] gave a very unique observation in which they concluded that there is no general agreement in terms of influence factors for tip clearance and they vary from one machine to the other. Tip clearance flow can be characterized in two ways. First is the flow blockage [4] and the second effect is the thermal loss as mentioned by Storer and Cumpsty [5] . Turbomachines often operate with a tip clearance larger than the design value due to the change in operating conditions as well as manufacturing limitations. A number of studies on tip clearance flow have been carried out in the past 60 years. Research carried out by Smith and Cumpsty [6] have shown a 23% drop in pressure rise and a 15% increase in flow coefficient at stall conditions with an increase in tip clearance from 1% to 6% of blade chord. Ramakrishna and Govardhan [7] carried out numerical study to determine the effects of tip clearance in forward swept axial compressor rotors. Results showed that the increment in tip gap gradually affected the performance of the unswept blade while the effect was very high for the swept rotors. While carrying out study on high pressure compressor stage matching, Domercq and Escuret [8] and ZhengXian et al. [9] deduced that the tip clearance flows and its gap variation have a major impact on performance and stability of high pressure compressors. Tang et al. [10] predicted similar behaviour of loss in performance with an increase in tip clearance and they reported an optimum clearance of 6 μm for their specific design. Sakulkaew et al. [11] found that for clearances gap (0.8%-3.4% span), efficiency is deteriorated with an increase in clearance. It is less sensitive to tip clearance for gaps greater than 3.4%. Wei et al. [12] discussed the effects of contoured axisymmetric-casing on the blade tip-leakage flow.
Stator-rotor interactions are known to play a vital role in the overall performance of turbomachines. Furthermore, present day turbomachinery is being designed with the desire of minimizing blade-row spacing in order to reduce machinery length and weight and thus improved performance. Numerical study done by Deng et al. [13] explains how and why the tip leakage vortex trajectory of an axial compressor changes its shape with the change of gap size between the rotor and stator and its impact on rotor pressure rise characteristics. They found that the pressure rise increases monotonically with the decrease of upstream axial gap but no monotonic variation was observed with the change of downstream axial gap. Hence rotor performance was found to be more influenced by the upstream interaction than the downstream interaction. Experimental results from a four stage compressor achieved by Smith [14] and another multistage axial compressor experiment published by Mikolajezak [15] demonstrate that reducing the axial gap between blade rows in multistage compressors increase the pressure ratio and efficiency. In both cases efficiency was increased by 1% when the blades' rows were moved from far spacing to close spacing. One of the conclusions made by Roy et al. [16] , while presenting their work on swept blades for axial flow fan/compressor, is that the efficiency is highly influenced by the axial gap between the rotor and stator and it decreased significantly with the increase in axial gap. Yoon et al. [17] studied the effect of stator hub configuration on the aerodynamic performance. They investigated the leakage loss and concluded that the design of clearance/span of the axial compressor is vital in optimizing the performance.
Results shown by the above studies and further investigations done by many more authors generally suggested the improvement in efficiency with the decrease in the axial spacing between the blade rows of an axial flow compressor. In contrast to the above phenomenon, an experiment done by Gorrell et al. [18, 19] to investigate the effect of stator-rotor-stator axial spacing on performance of axial compressor proved that because of the formation of chopped bow shock, the losses in addition to mixing loss are present when the blade rows are spaced close together. These extra losses are associated with the upstream stator wakes. Measured data of this study showed that the axial spacing between an upstream stator and downstream transonic rotor has a noteworthy effect on stage performance. Mass flow rate, pressure ratio and efficiency decreased as the axial spacing between the upstream stator and downstream rotor was reduced. Outlet flow field of the multistage axial compressor with bowed stator stages was measured by Huawei et al. [20] using five hole probe under near stall conditions when rotor-stator axial gap was reduced by 33%, 67% and 100% of the original gap. They found that the overall performance increases within the main flow region as the rotor-stator axial gap of the compressor is decreased. They further concluded that the streamlines at the outlet of the bowed stator stages change little as the axial gap decreases, indicating that bowed stator stages will reduce the losses in the flow passage more effectively at reduced rotor-stator axial gaps.
Literature survey reveals that the tip clearance and axial gap has a very visible effect on efficiency and stability of compressors. The present work is the extensive numerical study of the effect of (1) the tip clearance of rotor blades and (2) the axial gap between rotor and stator on the efficiency of a multistage axial compressor. A commercial software package especially designed for turbomachinery flow field analysis has been used for this study. Reynolds-averaged Navier-Stokes equations are solved using SpalartAllmaras model for capturing turbulence. Air is used as a working fluid. A number of steady-state viscous flow simulations were run for both the tip clearance effect and also for different axial gap variations between stator and rotor. All simulations were performed for the first stage, i.e. stator-rotor-stator. Hub and shroud boundaries are kept unchanged. The simulations were run for many coarse and fine meshes in order to find an optimum, meshindependent solution.
Computational methods
The conservative form of Navier-Stokes equations can be written in the following generic equation:
where U, F, G, H and J are the column vectors given by: 
where ρ is the density, u, v and w are the components of velocity in the x, y and z directions respectively, e is the internal energy per unit mass, V is the velocity, p is the pressure, k is the thermal conductivity, T is the temperature, f is the body force per unit mass and q is the rate of volumetric heat addition per unit mass. In these equations, μ is the molecular viscosity and λ 2 is the second viscosity coefficient. Solving Eq. (1) for turbulence requires very large computational facility and time. Alternately, we can use a Reynolds-averaged Navier-Stokes (RANS) equation which requires lesser memory and time with little effect on accuracy of the solution. RANS can be obtained by decomposing the dependent variables in Eq. (1) into two components: a turbulent fluctuation part and a time averaged component. For example a quantity A can be decomposed as:
where A is called time averaged value and ′ A is the fluctuating part. Solving Eq. (1) using Eq. (2) reveals the following momentum equation with constant density [21] :
Eq. (3) is identical to Eq. (1) with the exception of − ′ ′ ρu u i j . This term is known as Reynolds-stress tensor τ ρ
To close the system of RANS equations, τ ij needs to be modelled. Boussinesq's eddy-viscosity concept [21] was one of the earliest proposed solutions to model τ ij , which gives the following relation:
where K is the turbulent kinetic energy, δ ij is the Kronecker delta, and v t is the eddy viscosity. Eq. (5) indicates that the turbulent nature of the flow can be modelled through K and v t . These parameters are termed as closure hypothesis or Turbulent Models.
Although several turbulent models [22] [23] [24] have been developed, however, Spalart-Allmaras model [25] has been used in the present study.
A software package, FINE TM [26] , developed by NUMECA [27] has been used to undertake the present study. Fine TM consists of three modules: geometry and grid modeller IGG™ [28] , flow solver EURANUS™ [29] and postprocessor CFView™ [30] . These three software systems have been integrated in a unique and user friendly GUI allowing complete simulations of 3D flow from the grid generation to the visualization.
Air as a real gas is assumed. Equation of state for a real gas is:
Here, ρ is the air density, r is the gas constant, T is the absolute temperature, R is the general gas constant, M is the molecular weight and Z is the compressibility factor.
Enthalpy is defined as: 
It is very important in a numerical computation to place the first grid node off the wall within a certain range (y wall) because the viscous flow is accompanied with high gradients near wall due to formation of boundary layer. Therefore, y u y wall
where y 1 + is the wall variable for the first node off the wall. This variable is actually the local Reynolds number. Based on the experimental data of Lindgren, the value of y 1 + in the case of SpalartAllmaras model (at low Reynolds number) ranges from 1 to 5.
u τ is the friction velocity defined as:
where τwall is the wall shear stress and cf is the coefficient of friction that can be related to Reynolds number using 1/7th velocity profile as: 
So there are two methods to calculate ywall. For the present study the y wall is calculated from both the methods and it comes out to be about 0.003 mm. All the computational meshes presented have the same first node wall width of 0.003 mm.
All the blocks for rotor are kept rotating at the design rotational speed, whereas the blocks for stator are kept stationary. Since both rotor and stator blocks are moving relative to each other therefore a rotor-stator (R/S) boundary is set with Full Non Matching Frozen Rotor Approach. The concept of frozen rotor approach consists of neglecting the rotor movement in the connecting algorithm. For rotor, the Reynolds averaged Navier-Stokes equations are solved in a rotating frame of reference, whereas the equations for the stator are solved in absolute frame of reference. The two solutions are literally connected while ensuring the continuity of velocity components and pressure.
Time-marching scheme was used in the flow solver. CFL number of 3 is kept in all computations. Multigrid strategy was employed for efficient and fast convergence. Central scheme is used for spatial discretization. The temporal discretization scheme used for the computations was an explicit multi-stage Runge-Kutta scheme.
Geometry description
The study deals with a 1-1/2 axial compressor stage, which is a part of a 3-1/2 stage axial compressor as shown in Fig. 1 . This compressor has been designed by a reputed industry to be utilized in a jet propulsion system. The geometry of the compressor was available and the same has been selected as a test case for the present study. Both stators (38 and 40 blades) and rotor (25 blades) are cylindrical and twisted. The rotor is unshrouded with a design tip clearance of 0.3 mm. During the subject study, it was varied from 0.003 mm to 2 mm to investigate the tip clearance effect on overall stage performance. Tip clearance for axial gap variation studies was kept fixed at 0.3 mm.
Grid generation
The mesh was created using NUMECA's IGG™ [28] and AutoGrid™ [31] . AutoGrid™ is an automatic meshing scheme used for turbomachinery configurations. The software automatically generates mesh of a turbomachinery and an optimal control of orthogonality and quality of mesh is provided. A 3D view of one of the stage meshes is shown in Fig. 2 . The skin-topology includes 5 blocks as follows: The skin block is an O-mesh surrounding the blade. The inlet block is an H-mesh located upstream the leading edge. The outlet block is an H-mesh located downstream the trailing edge. The up block is an H-mesh located above the blade section. The down block is an H-mesh located under the blade section. Simulations were carried out with coarse, medium and fine meshes in order to find an optimum, mesh-independent solution, which obeys the criteria of y 1 + . The numbers of grid points in the blade-toblade topology were defined as: For row 1, the number of nodes was 21 × 41 × 17. For row 2, the number of nodes was 21 × 53 × 17. For row 3, the number of nodes was 17 × 53 × 41.
Results and discussion

Grid sensitivity analysis
In order to achieve a mesh-independent solution, a number of simulations were run for coarse, medium and fine meshes. Table 1 provides the grid sensitivity analysis for one of the simulations which was done for tip clearance variation effects on axial compressor. It is observed that the percent error in stage total pressure ratio and efficiency is too small for medium level when compared with coarse and fine grid levels. Error values indicate that all three simulations are grid independent and any one of these three levels can be selected for the present study. Therefore, with a reasonable accuracy level and keeping in view the time required for complete simulation work, medium mesh level has been used for this study.
Comparison of CFD results with experimental data
A thorough experimental investigation of unsteady flow field of the axial compressor under present study has been carried out by Niehuis et al. [32] using pneumatic probes with high resolution in space. They have used miniaturized pitot and 3-hole pressure probes to investigate boundary layer both at hub and shroud. 5-hole pressure probes were applied to investigate flow phenomenon over the Fig. 1 . Axial compressor under study [28] . Table 2 for stage-1. In Table 2 , DP is the designed operating point for stage-1 of the selected axial compressor, and OP1, OP2 are the experimental operating points, very near to design speed. OP3 and OP4 are two operating points taken at 68% design speed, where results have been deduced by the experimental study. Fig. 3 and Table 3 provide the comparison between numerical studies and experimental data. It indicates that the simulations are in good agreement with experimental results. Fig. 4 provides the stage total-to-total efficiency at various mass flow rates and tip gaps. The figure indicates that the stage efficiency increases as the tip gap decreases. Keeping in view both the efficiencies and the operating range, the tip gap of 0.1 mm seems to be the best choice. However it is practically difficult to maintain a gap of less than 0.3 mm. So at tip gap of 0.3 mm the efficiency looks maximum compared to higher gaps. At tip gap of 2 mm both the operating range and the efficiency were significantly reduced. At 0.7 mm tip gap, the operating range is the highest as compared to all tip gaps; however, the efficiency is lower than the tip gap range of 0.003-0.3 mm.
Effect of variation in tip clearance
Fig . 5 provides the stage total-to-total pressure ratio at various mass flow rates and tip gaps. The figure indicates that the stage pressure ratio increases with the decrease in tip gap. Keeping in view both the pressure ratio and the operating range, the tip gap of 0.1 mm seems to be the best choice. At tip gap of 2 mm both the operating range and the pressure ratio were significantly reduced. At 0.7 mm tip gap, the operating range is the highest as compared to all tip gaps; however, the pressure ratio is lower than the tip gap range of 0.003-0.3 mm.
Effect of variation in axial gap
Based on experimental studies of Niehuis et al. [32] , the designed axial gap between Stator 1 (IGV or S1) and rotor at shroud is 10.6 mm, whereas axial distance between rotor and stator 2 is 13.3 mm. This configuration has been simulated in the present study as a reference case and is denoted as standard case. Thereafter, axial distance between stator 1 and rotor was varied in four steps on either side (plus side and minus side) of the standard case, i.e. 2.5, 5.0, 7.5 and 10.0 mm. Similarly axial gap between rotor and stator 2 was also varied for four equal steps on either sides of standard case, i.e. 2.5, 5.0, 7.5 and 10.0 mm as described in Table 4 . In this way a total of 144 cases have been studied to know the effect of blades' axial gap variation. Fig. 6 shows the effect on stage total-to-total efficiency, when S2 is kept at designed gap with respect to R and distance between S1 and R is varied at eight different locations, as mentioned in Table 4 . The figure indicates the increase in stage efficiency with a decrease in axial gap. Minimum axial gap (−10 mm) has maximum efficiency. Fig. 7 shows the stage total-to-total efficiency, when S1 is kept at designed gap with respect to R and distance between R and S2 is varied at eight different locations. In this case all the graphs look to be bundled together. None of the gaps can be considered to give optimum result. So it can be concluded that this gap can be adjusted as per the design and manufacturing need as it does not affect the efficiency of the compressor.
Comparing Figs. 6 and 7, it is clear that the axial gap between S1 and R has some effect on overall stage efficiency as compared to the axial gap between R and S2. Fig. 8 shows the effect on stage total-to-total pressure ratio, when S2 is kept at designed gap and distance between S1 and R is varied at eight different locations. Again a slight improvement in the stage pressure ratio is observed as the axial gap is reduced. However the pressure ratio marginally increases at surge point and decreases at choke point with an increase in axial gap. Fig. 9 shows the effect on stage total-to-total pressure ratio, when S1 is kept at designed gap and distance between R and S2 is varied at eight different locations. Similar to Fig. 7 all the curves are bundled together, indicating almost identical behaviour except some variations at surge and choke regions.
Comparing Figs. 8 and 9 , it is clear that the axial gap between S1 and R has more effect on overall stage pressure ratios as compared to axial gap variation between R and S2.
Conclusions
This paper presents a numerical study on the effect of varying tip clearance of rotor blades and the axial gap between rotor and stator on the overall performance of a multistage axial compressor, utilizing a commercial software package for solving the Reynoldsaveraged Navier-Stokes equations. The results of the present numerical simulations lead to the following main conclusions: 1. Simulation results are in good agreement with experimental data. A maximum of 4.28% error in stage total-to-total pressure ratio was found near surge point. 2. Modelling of Reynolds averaged Navier-Stokes equations is found to be a practicable mean to study the complex behaviour of various design parameters of an axial compressor. 3. Increase in tip clearance has detrimental effect on the overall performance of an axial compressor. For the studied 1-1/2 stage, no optimum tip clearance, other than zero tip clearance, has been found. Keeping in view the stage efficiencies, stage pressure ratio, as well as the operating range, the tip gap of 0.1 mm seems to be the best choice. However it is practically difficult to maintain a gap less than 0.3 mm. So at tip gap of 0.3 mm the performance looks optimum compared to higher gaps. 4. With fixed axial gap between R and S2, if the axial distance between S1 and R is decreased, it enhances the performance of the axial compressor. Whereas with fixed axial gap between S1 and R, if the axial distance between R and S2 is decreased, it does not affect the performance. 
